A -total heat transfer surface area,m 2 ; Cp -specific heat, J/(kg K); Dc -tube outside diameter, m; Dh -hydraulic diameter, m; f -friction factor; h -heat transfer coefficient, W/(m 2 K); k -thermal conductivity, W/(m 2 K); N -number of tube row; Nu -Nusselt number; mf -mass flow rate, kg/s; ΔP -pressure drop, Pa; Pl -longitudinal pitch, m; Pr -Prandtl number; Pt -transverse pitch, m; Q -heat transfer rate,W; Um -mean velocity at the minimum flow cross
Introduction
The fin-and-tube heat exchangers are equipment largely used in the different industrial processes such as automobile radiators, air conditioning systems, refrigeration, petrochemical and other technology fields. Heat exchanger performance is limited by the gas side. For liquid fluid flow to air flow and phase change heat exchangers, the air side convection resistance is habitually dominant due to the air thermo-physical properties because heat transfer rates are fundamentally inferior for the gas side than for liquid. Thus, for enhance the thermal performances, it is necessary to put in consideration the impact of the thermo-physical properties of fluid, also the geometrical configuration of the fin-and-tube heat exchangers. For decades, a very successful technique of enhancing the heat transfer performance of air-side is using vortex generators (VGs). The VGs are designed to cause the turbulence intensification, and boundary-layer destruction; heat transfer is enhanced due to these effects.
A several experimental and numerical works effected to improve the heat transfer performance of the finand-tube heat exchangers. Zhou and Ye [1] proposed a curved trapezoidal design as new winglets vortex generators. The experimental results show that the using of the winglets curved trapezoidal enhances the heat transfer coefficient compared with the rectangular winglet. Wang et al [2, 3] conducted a series of experiments to study the effect of vortex generators on the flow structure in a fin and tube heat exchangers. They found that the configuration analyzed created a penalty of pressure drop tend to 25-55% compared with the flat fin geometry. In addition, there are an available works in literature witch improved the heat transfer phenomenon in the fin-and-tube heat exchangers using the vortex generators (see, [4] [5] [6] [7] [8] [9] [10] [11] [12] [13] [14] [15] ). For example, Fiebig et al [8] tested the effect of delta winglets VGs on heat transfer and pressure drop in a fin and tube heat exchanger. Four configurations were investigated, an inline and a staggered arrangement, each with plain fins and with fins with a pair of vortex generators behind each tube. They reported that the inline tube arrangement the VGs increase the heat transfer by 55-65% with a corresponding increase of 20-45% in the friction factor.
He et al [16] numerically examine the effect of a pair of winglets vortex generators for different angles of attack (β = 10°, β = 20°, β = 30°). They concluded that the rows of discontinuous winglets show a significant increase of heat transfer coefficient tend to 33.8-70.6%, also generated a pressure drop penalty of 43.4-97.2% for the 30° attack angle compared with the flat fin. In other hand, the continuous winglets rows provided an adequate heat transfer enhancement of 36.7-81.2% and associated 60.7-135.6% of pressure drop. In the same context, Li et al [17] concluded that the arranged LVGs positioned radiantly on the fin surface can guide the main fluid flow to the tube wall and enhance air side heat transfer in the fin and tube heat exchanger. Gholami et al [18] proposed three shapes of vortex generators: rectangular, wavy winglets, a conventional rectangular winglet and tube without winglets for validated and compared the results. The calculations of air flow side presented for Reynolds numbers ranging from 400 to 800. They concluded that the wavy rectangular winglet can significantly enhance the heat transfer in the fin-and-tube heat exchanger with moderate pressure loss penalty.
In order to understand the fundamental relationship between the increases of local heat transfer and the flow structure in a fin-and-tube compact heat exchangers (LVGs), Chu et al [19] proposed three geometric parameters of longitudinal vortex generators (ascending and descending) wherein the attack angle (α) equal to 15°, 30°, 45° and 60° as the number of tube row (2, 3, 4 and 5) . They reported that the attack angle is a critical factor influencing on the velocity and temperature fields. Li et al [20] offered several geometric configurations of longitudinal vortex generators (LVGs). They concluded that the LVGs on plain fins increases the Unset number by 20% compared with plain fins tube without LVGs. However, the pressure losses penalty due to the using of the VGs in the fin-andtube heat exchangers need to search other configurations to ensure a better heat transfer performance at lowest energy cost. Most of the works existing in literature using the winglets which will guide the flow towards the tube walls leading to the increase in the coefficients of heat transfer. However, the major problems of the exploitation of the winglets in the heat exchangers is the pressure losses due to the bulk flow mixing, change of the flow direction, and formation of the zones of the flow recirculation behind the tubes and the winglets. The principal objective of this article is to find a configuration more efficient to ensure a better coefficient of heat transfer, also to reduce the pressure drop of air side flow in the fin-and-tube heat exchanger. The configurations proposed are a vortex generators of isosceles shape of attack angles α = 5°, 10°, 15°, 25°, 35° and 45°. Two other cases of VGs available in the literature (tube without VGs or Baseline, and of Flat RVG cases [18] ) presented in this study to validate and compare the results. The numerical investigations based on the ANSYS FLUENT software. The air is the fluid using to test the effect of the isosceles vortex generators (IVGs) on the performances of the fin-and-tube heat exchangers. The numerical model adapted for fin-and-tube heat exchangers provided with isosceles vortex generators is illustrated in Fig. 1 . The configuration of the geometry allows us used the option of symmetry to reduce the computation time.
Model descriptions
The position of the isosceles vortex generator base is given by DX = D / 2 and DY = D / 2 as shown in Fig. 1 , b. The tube outer diameter (Dc) is 10.55 mm, the transverse tube pitch (Pt) is 25.4 mm, and the longitudinal tube pitch (Pt) is 22 mm. The Flat RVG case is presented by the same dimensions offered by Gholami et al [24] wherein the length (L), the thickness (δ) and angle of attack (β) are 6.0 mm, 0.2 mm and 30°, respectively. In the present study, the vortex generator length is 3 mm, the attack angles of isosceles vortex generator α equal to 0° (simple VG), 5°, 10°, 15°, 25°, 35° and 45°. For more information, Wahid et al [21] presented in detail the geometry of the tubes.
The numerical model for fluid flow and heat transfer the fin tube of compact heat exchanger was developed under the following assumptions:
 steady two-dimensional fluid flow and heat transfer;  the flow is laminar and incompressible;  constant thermo-physical properties fluid properties;  negligible radiation heat transfer;  constant temperature of tube surface.
Based on the above assumptions, the tube flow is governed by the continuity, the Navier-Stokes equations and the energy equation. For numerical analysis in this article can be written as [23, 24] :  Continuity equation:
 Energy equation:
In order to validate the dependability of the present numerical method, the numerical investigation is conducted for a fin and tube heat exchanger with the convective heat transfer coefficient of laminar air flow at uniform surface temperature of tubes, experimental data approved by Zukauskas [22] 
Governing parameters
A number of parameters are defined as follows [18, 25] :
in out
 
The thermal performances factor is given by:
Boundary conditions
The velocity and temperature Profiles are identified at the inlet section. At the inlet a uniform velocity U = Uin and constant temperature Tin = 300 K are utilized. At the outlet, the Neumann boundary conditions used for all variables, so the streamwise variable gradients are set to be zero. At the sides, symmetry boundary conditions are used by boundary fitted conditions. Impermeable boundary and no-slip wall conditions have been implemented over the tube wall as well as the vortex generators. The constant temperature wall tubes (TW) is maintained at 350 K while the VGs are assumed at adiabatic wall conditions.
Numerical methods and grid independence validation
A series of grid tests effected on the all numerical domain are presented in this work. Fig. 2 illustrates a triangular grids type, no uniform, refined near of the tubes walls and the vortex generators to detect the gradients of temperature and velocity. The series of grid chosen in the case of tubes without VGs (Baseline) with Re = 500 is 64253, 91891, 111980, 145896 and 181442. From 111980 nodes, the variation of the Nusselt number is not significant (do not exceed 2%) in the increases of the grid density. Therefore, for following calculations, the final accepted grid number is 111980 nodes. In the same way, the same approach performed on the other configurations.
ANSYS FLUENT is the computational fluid code used to calculate the fluid flow and heat transfer in the computational domain. The finite volume method employed on the computational domains to solve the NavierStokes and energy equations using the SIMPLE algorithm. For the solution algorithm, the second order scheme is selected to discretize the convective terms in governing equations. Default under-relaxation factors of the solver are employed. The criterion of convergence is that the normalized residuals are fixed at 10 
Results and discussion

Validation of model and numerical method
After the grid tests of various numerical domains, the flow and heat transfer characteristics are compared with available results. The present simulation is effected for fin-and-tube heat exchangers with the same geometric dimensions also the thermo-physical properties of fluid as that presented numerically by Gholami et al. [18] , and experimentally by Zukauskas [22] . Fig. 3, a and shows a good conformity between the present results and that reported numerically by Gholami et al [18] . As it can be shown in Fig. 3 , a, the Nusselt number agrees well with the available correlations of ±13% in comparison with Zukauskas data [22] . 
Flow field
The flow field around the tubes and vortex generators is illustrated in Fig. 4 . This figure shows the axial velocity contours at Re = 500 for all configurations (Baseline, Flat RVG, isosceles VGs with attack angles α = 5°, 10°, 15°, 25° 35° and 45°) tested in this work. The stagnation of the flow behind the tubes is clearly appearing in the case of tubes without vortex generators (Baseline). This case illustrates the problem of low-velocity of the fluid back the tubes that reduce the thermal performances of heat exchanger. Correcting this problem is presented in other configurations where the insertion of the isosceles vortex generators eliminates the zones of low-velocity behind the tubes. During the passing of the flow through the tube walls and vortex generators, the fluid flow separates into three primary zones: a very large zone located between VGs and the tube walls, where the flow is accelerated and swirl the stagnated fluid behind the tubes. The second zone located over VGs that presents the majority of the flow fields. The third region behind the VGs shows a zone of secondary recirculation of the flow. Fig. 5 shows the distribution of the temperature field for all geometries at Re = 500. In the case of tube without vortex generator (Fig. 5, a) , the formation of hot points appears clearly behind the tubes, since the fluid stagnant in these regions. In other hand, if we add the VGs near the surface of tubes (Fig. 5, b-i) , the fluid flows behind the tubes and significantly eliminates the hot points, which enhance the thermal performances of the fin and tubes heat exchangers. The variation of the Nusselt number (Nu) for various Reynolds numbers ranged from 400 to 800 for all configurations is shown in Fig. 6 . It is clear that the values for the Nusselt tend to increase with increasing of Reynolds numbers, which induces an improvement in the heat transfer coefficients in the heat exchangers. In the cases of the angle of attack α = 5°, 10°, 15°, 25° and 45°, the values of the Nusselt Number are almost identical, varying from 9.5 to 14.5 for the Reynolds number ranging from 400 to 800. The Unset number reaching a peak of 9% and 50% compared with Flat RVG and Baseline cases, respectively, for Re = 800. A significant enhancement in heat transfer coefficient is observed for α = 0° (simple VG), reaching a percentage of 69% and 95% compared with Flat RVG and Baseline (tube without VGs) cases, respectively; where α = 35° takes a percentage of 19% and 31% compared with the configurations studied. From the results in Fig. 6 Usually, the increases in heat transfer create a pressure drop. However, in this study, we were able to minimize the pressure drop and keeping the thermal performance to high levels. Fig. 7 , a and b shows the variation of pressure difference that tends to augment with the rise of the Reynolds number values.
Heat transfer
Using Flat RVG leads to extreme increase of the friction factor of about 3 times higher than that the tube without vortex generators (Baseline case), at Re = 700. Comparing with the Baseline case, the cases of attack angles α = 0°, 5°, 10°, 15°, 25°, 35° and 45° give an interval of friction factor values vary from 2.4 to 2.8 for Re = 700, where the weak value observed in the case of α = 0°, when the cases of α = 15° and 45° assured the highest value.
Performance evaluation
In the same conditions, the Nusselt number achieve a values tend to 19.5 and 14 for α = 0° and Flat RVG cases, where the VG size equal to 3 mm and 6 mm, respectively. However, the use of the Flat RVG case provide an extreme increase of the friction factor attain to 3 times, while this values arrive to 2.8 times for the α = 0° case compared with the tube without vortex generators, at Re = 800. The variation of thermal performance factor (TPF) for air flowing in fin-and-tube heat exchangers with isosceles vortex generators (IVGs) is shown in Fig. 8 . In Re the figure, the performance factor is superior than 1 for all cases. Hence, the IVGs merit enhancing the thermal performance in the fin-and-tube heat exchangers. For a better case selected in this study, the IVGs of α = 0° assured the highest performance factor. The enhancement factors vary between 2.1 and 2.15, depending on the Reynolds number values. Where, the maximum values of the thermal performance factor is about to 2.15 at Re = 400.
Conclusions
Thermal and dynamic characteristics of a new design of VGs of isosceles shape placed in fin-and-tube heat exchangers are studied. The conclusions are summarized as follows:
1. The isosceles vortex generator (IVGs) disposed on the fin surface provide a convergent portion can guide the fluid flow towards the tube wall, which helps to reduce the zones of weak velocity behind the tubes.
2. Decreasing of the VGs size helps to reduce the penalty of pressure drop and keeping the thermal performance to high levels.
3. Comparing with the Baseline case, the IVG of α = 0° achieve a percentage of 95% of heat transfer coefficient and associated 2.8 times of pressure drop penalty.
4. Thermal enhancement factor (TPF) for the all IVGs is much higher than unity and its maximum value is about 2.15 at α = 0°, indicating higher thermal performance over the Baseline case. Therefore, this case is recommended to enhance the thermal performances of the finand-tube heat exchangers.
